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Abstract

The previously proposed theoretical models of film condensation in horizontal microfin tubes have been modified to

describe the characteristics of condensing two-phase flow more accurately. The stratified flow regime and the annular

flow regime were considered. For the stratified flow regime, the previously proposed theoretical model was modified to

take account of the curvature of stratified condensate due to the surface tension force. For the annular flow regime, a

more accurate expression for the interfacial shear stress was incorporated. Generally, the modified theoretical models

predicted a lower circumferential average heat transfer coefficient than the previously proposed ones. Comparison of

the theoretical predictions with available experimental data for six tubes and five refrigerants revealed that a good

agreement (r.m.s error of less than 21.1%) was obtained for all cases when the higher of the two theoretical predictions

were adopted as the calculated value. � 2002 Elsevier Science Ltd. All rights reserved.
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1. Introduction

Horizontal microfin tubes have been commonly used

in air conditioners due to their high heat transfer per-

formance. Many experimental studies on the effects of

fin geometry, tube diameter, refrigerant, oil, etc., on the

condensation heat transfer and pressure drop of the

microfin tubes have been reported in the recent litera-

ture. Webb [1] and Newell and Shah [2] have given

comprehensive reviews of relevant literature. Cavallini

et al. [3] and Shikazono et al. [4] have developed em-

pirical equations of the circumferential average heat

transfer coefficient. Yang and Webb [5] and Nozu and

Honda [6], respectively, proposed the semi-empirical

model and the annular flow model of film condensation

in microfin tubes that considered the combined effects of

vapor shear and surface tension forces. Honda et al. [7]

proposed a stratified flow model that considered the

combined effects of surface tension and gravity forces.

In this model the vapor–liquid interface was assumed to

be flat and the height of stratified condensate was de-

termined by extending the Taitel and Dukler model [8]

for a smooth tube to a microfin tube. Honda et al. [7]

compared the theoretical predictions of the circumfer-

ential average heat transfer coefficient am by the annular
flow model [6] and the stratified flow model [7] with

available experimental data for five refrigerants and five

tubes. According to the result, the annular flow model

predicted a considerably higher am than the measured
value at high quality v. This was probably due to the
overestimation of the interfacial shear stress acting on

the condensate film. While a better agreement (within

�20%) was obtained as v decreased, this model pre-
dicted a considerably lower am than the measured value
(about one half) when v decreased further and the fins
were completely flooded with condensate. For R134a,

R22 and R410A with qv=ql > 0:05, the predictions of
the stratified flow model agreed with most of the mea-

sured values within �20%. However, there was a ten-
dency to overpredict the measured value. This tendency

was more significant for tubes with smaller diameter.
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For R11 and R123 with qv=ql < 0:01, the measured
value agreed fairly well with the higher of the two the-

oretical predictions. The foregoing difference in the heat

transfer characteristics between the fluids with

qv=ql > 0:05 and qv=ql < 0:01 was probably due to the
difference in the magnitude of vapor shear force acting

on the condensate film.

Recently, in order to meet the need for more compact

heat exchangers, the microfin tubes with a small outer

diameter do have been developed for the air condition-
ers. Currently, the tubes with do ¼ 6–8 mm are

commonly used. The tubes with do ¼ 4 mm have also

been tested. For the stratified condensate flow in these

tubes, the surface tension acts to form a curved liquid–

vapor interface and the assumption of a flat vapor–liq-

uid interface adopted by Honda et al. [7] does not hold

any more. The objective of the present work is twofold.

The first is to develop a modified stratified flow model in

which the effect of surface tension on the vapor–liquid

interface profile is taken into account. The second is to

develop a more accurate expression for the interfacial

shear stress which is consistent with the correlation for

the frictional pressure gradient proposed by Nozu et al.

[8], and to apply it to the previously proposed annular

Nomenclature

A cross-sectional area of tube (m2)

Bo Bond number (ðql � qvÞgd2=r)
d diameter at fin root (m)

dh hydraulic diameter (m)

dl equivalent diameter of liquid space ð¼ 4Al=SiÞ
(m)

do outside diameter (m)

De sum of gravitational potential and surface

energy for unit length of tube (J/m)

f friction factor

Fr modified Froude number, Gv=
ffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffi
qvðql � qvÞdg

p
g gravitational acceleration (m=s2)
G refrigerant mass velocity (kg=m2 s)
h fin height (m)

hfg specific enthalpy of evaporation (J/kg)

n number of fins

p fin pitch (m)

P pressure difference between condensate and

vapor (Pa)

Pr Prandtl number

q heat flux, W=m2

r radius of curvature of condensate surface in

fin cross-section (m)

r0 radius of curvature at corner of fin tip (m)

rb radius of curvature of condensate surface in

thick film region (m)

rr radius of curvature at corner of fin root (m)

Rev vapor Reynolds number, Gvd=lv
S perimeter length (m)

Sp perimeter length of condensate surface for a

fin pitch (m)

T temperature (K)

U velocity in axial direction (m/s)

x; y coordinates, Fig. 1

xb coordinate at connecting point between thin

and thick film regions, Fig. 1 (m)

x0; xt coordinates at connecting points between

straight and round portions of fin, Fig. 1 (m)

xr mid point between adjacent fins (m)

Xtt Martinelli parameter

z vertical height measured from condensate

surface, Fig. 1; axial coordinate (m)

Greek symbols

a heat transfer coefficient (W=m
2
K)

b angle, Figs. 1(c) and (d) (�)
c helix angle of groove (�)
d condensate film thickness (m)

e angle, Fig. 1(d) (�)
ea surface area enhancement as compared to a

smooth tube

1 wettability angle (�)
h fin half tip angle (�)
k thermal conductivity (W/m K)

l dynamic viscosity (Pa s)

m kinematic viscosity (m2=s)
n angle, Fig. 1(d) (�)
q density (kg=m

3
)

r surface tension (N/m)

s shear stress (Pa)

u angle measured from tube top (�)
v mass quality

w angle, Fig. 1(c) (�)
x angle, Fig. 1(a) (�)

Subscripts

b boundary of thin and thick film regions

c coolant side

f flooding point

F frictional

i vapor–liquid interface

l liquid

m circumferential average value

r fin root, mid point at fin root

s saturation

v vapor

w wall

x local value

u average value for fin cross-section

1 region 1

2 region 2
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flow model. The predictions of am by the newly pro-
posed annular and stratified flow models are compared

with available experimental data for six tubes and five

refrigerants. Comparisons are also made with the pre-

dictions of the previously proposed annular flow model

[6] and stratified flow model [7].

2. Analysis

2.1. Modified stratified flow model

Fig. 1 shows the physical model of stratified con-

densate flow in a horizontal microfin tube. In Fig. 1(a),

the shape of stratified condensate is assumed to be a

circular arc centered at O1. The angle u is measured

from the top of the tube. The us denotes the angle below
which the tube is filled with stratified condensate. The

coordinate z is measured vertically upward from the

surface of stratified condensate at u ¼ us. The tube
surfaces at the angular portions of 06u6us and
us6u6 p are denoted as region 1 and 2, respectively. In
the angular portion just above us, condensate is retained
in the groove between adjacent fins by the capillary ef-

fect. As a result, a relatively thick condensate film is

formed in the groove. The angle below which the con-

densate is retained in the groove is denoted as the

flooding angle uf . Figs. 1(c) and (d) show the conden-
sate profiles in the fin cross-section in the regions

06u6uf and uf 6u6us, respectively. The fin profile
is assumed to be a trapezoid with round corners at the

fin tip and fin root. The fin height and fin pitch are h and

p, respectively, and the fin half tip angle is h. The co-
ordinate x is measured along the fin surface from the

center of fin tip and y is measured vertically outward

from the fin surface. The condensate on the fin surface is

drained by the combined gravity and surface tension

forces toward the fin root and then it flows down the

groove by gravity. Thus the condensate film thickness d
is very small near the fin tip and it is relatively thick near

the fin root. The effect of vapor shear force on the

condensate flow on the fin surface is assumed to be

negligible.

2.2. Profile of stratified condensate

The profile of stratified condensate is estimated by

the combination of an extended Taitel and Dukler

model [8] for the void fraction proposed by Honda et al.

[7] and the model of interface configuration proposed by

Brauner et al. [9]. The basic equation for the stratified

flow with a curved interface is written as

Fig. 1. Physical model and coordinates: (a) tube cross-section; (b) A–A cross-section; (c) fin cross-section ð06u6uf Þ; (d) fin cross-
section ðuf 6u6usÞ.
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qvU
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qlU
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qvU

2
v

2
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Av

�
þ Si
Al

�
¼ 0; ð1Þ

where fv and fl are the friction factors in regions 1 and 2,
respectively, fi is the interfacial friction factor, qv and ql
are the densities of vapor and condensate, respectively,Uv
and Ul are the velocities of vapor and condensate, re-
spectively, Av and Al are the cross-sectional areas of the
vapor space and condensate space, respectively, Sv and Sl
are the perimeter lengths of regions 1 and 2, respectively,

and Si is the perimeter length of the interface. The values
of fv and fl are estimated by an empirical equation for the
internally finned tubes developed by Carnavos [10]. Thus

they are respectively given by the following equations:

fv ¼ 0:046
qvdvUv

lv

� ��0:2 A
An

� �0:5
sec cð Þ0:75; ð2Þ

fl ¼ 0:046
qldlUl

ll

� ��0:2 A
An

� �0:5
sec cð Þ0:75; ð3Þ

fi is given by

fi ¼ 0:046
qvdvUv

lv

� ��0:2

; ð4Þ

where dv and dl are the equivalent diameters of the vapor
space and liquid space given by dv ¼ 4Av=ðSv þ SiÞ and
dl ¼ 4Al=Si, respectively, A is the actual cross-sectional
area of tube, An is the nominal cross-sectional area based

on the fin root diameter d, and c is the helix angle of the
groove. The expressions for the other parameters are as

follows: Uv¼GAv=qvAv Ul¼GAð1�vÞ=qlAl, Sv¼eadus,
Sl¼eadðp�usÞ, Si¼dsinusðp�2xÞ=sinð2xÞ

Al ¼
d2

4

A
An

ðp
"

� usÞ þ
sinð2usÞ
2

þ sin2 us
p � 2x þ sinð4xÞ=2

sin2ð2xÞ

#
;

Av ¼ pd2=4� Al;

where ea is the surface area enhancement as compared to
a smooth tube with diameter d and x is the angle shown
in Fig. 1(a).

Following Brauner et al. [9], the interface curvature is

determined by assuming the condition that the sum of

gravitational potential and surface energy De is mini-
mum. The De is given by

De¼ 1
8
ðql�qvÞgd3 sin3usðcotð2xÞ

"
þ cotusÞ

�p� 2xþ sinð4xÞ=2
sin2ð2xÞ

þ 2
3
sin3ups þ

8

Bo
sinus

�

� p� 2x
sinð2xÞ� sinups þ cos1ðus�ups Þ

�#
; ð5Þ

where Bo ¼ ðql � qvÞgd2=r is the Bond number, r is the
surface tension, ups is the value of us for a plane interface
(x ¼ p=2), and 1 is the wettability angle. It is relevant to
note here that 1 ¼ 0 for condensation. The values of us
and x are obtained by solving Eqs. (1) and (5) iteratively
for given conditions of d, G and v.

2.3. Profile of thick condensate film in uf 6u6us

In the angular portion uf 6u6us, the condensate
velocity in the thick film is considered to be very small.

Thus its profile is approximated by a static meniscus that

touches the fin flank (shown by a dotted line in Fig.

1(d)). Then the radius of curvature of the thick film rb is
given by

r
rb

¼ qlð � qvÞgz ¼
ql � qvð Þgd

2
cosuð � cosusÞ: ð6Þ

2.4. Profile of thin condensate film in 06u6uf

In the thin film region 06u6uf , d is assumed to be
sufficiently smaller than h and p. The condensate on the

fin surface is drained in the x direction by the combined

surface tension and gravity forces. At the same time, it is

drained along the groove by the gravity force. Assuming

a laminar flow, the momentum equation in the x-direc-

tion and in the direction along the groove are, respec-

tively, written as

ll
o2u
oy2

� qlð � qvÞg sinw cosu ¼ oP
ox

; ð7Þ

ll
o2v
oy2

þ qlð � qvÞg sin c sinu ¼ 0; ð8Þ

where u and v are the velocity components in the x-di-

rection and in the direction along the groove, respec-

tively, w is the angle shown in Figs. 1(c) and (d), and P is
the pressure difference between the condensate and

vapor due to the surface tension effect. The boundary

conditions are:

u ¼ v ¼ 0 at y ¼ 0; ð9Þ

ou=oy ¼ ov=oy ¼ 0 at y ¼ d: ð10Þ

The P in Eq. (7) is given by

P ¼ r=r; ð11Þ

where r is the radius of curvature of the condensate

surface in the fin cross-section. The expression for r is

given by

1

r
¼ � o2d=ox2

1þ od=oxð Þ2
n o3=2 for 06 x6 x0 and xt6 x6 xa;

ð12aÞ
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1

r
¼ 1

r0

8<
: þ 2

r20

�
þ d
r30

�
dþ 2

r0

od
ox

� �2
� 1

�
þ d
r0

�
o2d
ox2

� �
,

1

�(
þ d
r0

�2
þ od

ox

� �2)3=2
9=
; for x06x6xt ð12bÞ

and

1

r
¼ r2i þ 2 dri=dbð Þ2 � riðd2ri=db2Þ

r2i þ dri=dbð Þ2
n o3=2 for xa6 x6 xr;

ð12cÞ

where x0 and xt are the connecting points between the
straight and round portions of the fin surface, xa is the
coordinate at the foot of the perpendicular from point A

in Fig. 1(c), xr is the mid point at the fin root, r0 is the
radius of curvature at the corner of fin tip, ri is the
distance of the condensate surface measured from point

A and b is the angle shown in Fig. 1(c). The xa is chosen
empirically so that the condition of ri > d is satisfied.
Numerical results have shown that the heat transfer rate

is little affected by xa as long as ri > d. For xa < x6 xr, d
is defined as shown in Fig. 1(c). Since d is very small, a
linear temperature drop is assumed across the conden-

sate film. Combining the continuity and energy equa-

tions yield

ql
o

ox

Z d

0

udy
�

þ2sinc
d

o

ou

Z d

0

vdy
�
¼ kl Ts�Twð Þ

hfgd
: ð13Þ

Substituting the solutions of Eqs. (7) and (8) into Eq.

(13) yields

� ql � qvð Þg cosu
3ml

o

ox
sinwd3

� �
� r
3ml

o

ox
o

ox
1

r

� �
d3

� �

þ 2 ql � qvð Þg sin2 c
3mld

o

ou
sinud3

� �
¼ kl Ts � Tw1ð Þ

hfgd
: ð14Þ

The boundary conditions are:

od=ou ¼ 0 at u ¼ 0; ð15Þ

od=ox ¼ o3d=ox3 ¼ 0 at x ¼ 0 and xr: ð16Þ

2.5. Profile of thin condensate film in uf6u6us

For uf 6u6us, where the condensate film is con-

sisted of a thin film region near the fin tip and a thick

film region near the fin root, the boundary conditions at

the connecting point between the thin film and thick film

are given by

od=ox ¼ tan e; r ¼ �rb at x ¼ xb; ð17Þ

where e is the angle shown in Fig. 1(d).
The solution of Eq. (14) subject to the boundary

conditions (15) and (16) for 06u6uf , and (15) and (17)

for uf 6u6us was obtained numerically by a finite
difference scheme. The description of the numerical

scheme is given in [7].

2.6. Wall temperature and heat transfer coefficients

For region 1, the average heat transfer coefficient for

the fin cross-section au is defined on the projected area

basis as

au ¼ 2
p

Z xr

0

ax dx ¼
2kl
p

Z xr

0

1

d
dx; ð18Þ

where ax ¼ kl=d is the local heat transfer coefficient. The
average heat transfer coefficient for region 1, a1, is de-
fined on the projected area basis as

a1 ¼
1

us

Z us

0

au du ¼ 2kl
pus

Z us

0

Z xr

0

1

d
dxdu: ð19Þ

The heat transfer coefficient in region 2, a2, is assumed
to be uniform. The a2 is estimated using the following
empirical equation for forced convection in internally

finned tubes developed by Carnavos [10]

a2 ¼ 0:023
kl
dl

qldlUl
ll

� �0:8
Pr0:4l

A
Ac

� �0:1
e0:5a sec cð Þ3; ð20Þ

where Ac ¼ pðd � 2hÞ2=4 is the core flow area and c is
the helix angle of the groove.

The condensation temperature difference ðTs � TwkÞ
and the heat flux qk for region kð¼ 1; 2Þ are obtained
from

qk ¼
1

ak

�
þ d
2kw

ln
do
d

� �
þ d

acdo

��1

Tsð � TcÞ

¼ akðTs � TwkÞ; ð21Þ

where do is the tube outside diameter, ac is the coolant
side heat transfer coefficient, and Twk is the inside tube
wall temperature for region k. Then the circumferential

average heat transfer coefficient am is obtained from

am ¼ qm=ðTs � TwmÞ; ð22Þ

where

qm ¼ usq1f þ ðp � usÞq2g=p; ð23Þ

Ts � Twm ¼ us Tsðf � Tw1Þ þ ðp � usÞ Tsð � Tw2Þg=p; ð24Þ

where qm is the circumferential average heat flux, Twm is
the circumferential average wall temperature.

2.7. Modified annular flow model

The modified annular flow model is basically the

same as the previous one [6] except that the expression

for the interfacial shear stress is modified. In the annular

flow model, the condensate generated on the fin surface
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is assumed to be drained by the surface tension force

toward the groove between fins. Then the condensate in

the groove is forced to flow through the groove by the

vapor shear force toward downstream. The condensate

profile in the fin cross-section is basically the same as

that for the stratified flow model shown in Fig. 1(d). The

interfacial shear stress si is assumed to be constant along
the perimeter length. Thus si is related to the frictional
pressure gradient ð�dP=dzÞF by the following equation:

si ¼
1

Sp

A
n

�
� Ab

��
� dP
dz

�
F

cos c; ð25Þ

where

Ab ¼ 2
Z xb

0

ddxþ
Z n

0

ðr2w � r2bÞdb

is the cross-sectional area of condensate film for a fin

pitch and Sp 
 2ðxb þ rbnÞ is the perimeter length of
condensate surface for a fin pitch. The ð�dP=dzÞF is
estimated by the following correlation for microfin tubes

proposed by Nozu et al. [15]:�
� dP
dz

�
F

¼ 1
n

þ 1ð þ 10=FrÞ�0:5ð25Xtt

þ 1:6X 2ttÞ
o
v

�
� dP
dz

�
v

; ð26Þ

where Fr ¼ Gv=
ffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffi
qvðql � qvÞdg

p
is the modified Froude

number, Xtt is the Martinelli parameter and ð�dP=dzÞv is
the pressure gradient for single-phase vapor flow. The

ð�dP=dzÞv is estimated by using the following correla-
tion for internally finned tubes proposed by Carnavos

[10]:�
� dP
dz

�
v

¼ 0:092Re�0:2v

1

dh

de
d
sec cð Þ0:75 ðGvÞ2

qv
; ð27Þ

where dh is the hydraulic diameter of tube.

3. Numerical results

Numerical predictions of am by the modified annular
flow model, modified stratified flow model, previously

proposed annular flow model [6] and previously pro-

posed stratified flow model [7] are compared with

available experimental data for six tubes and five re-

frigerants. Table 1 shows the tube and fin dimensions of

test tubes used in the previous studies [6,11–14]. The fin

dimensions were obtained from the enlarged photograph

of the tube cross-section. Since the fin profile was

somewhat different among the fins, the average value of

each dimension for three to five fins was adopted as the

experimental data. The test fluid was R11 for tube A,

R123, R134a and R22 for tube B, R134a for tube C,

R410A for tubes D and E, and R22 for tube F. The test

section was basically a double-tube condenser consisting

of a number of subsections. The inner tube was a

microfin tube and the outer tube was a smooth tube. The

refrigerant and cooling water flowed counter-currently

through the test section. For each subsection the local

wall temperatures at the top, side(s) and bottom of the

inner tube were measured by thermocouples. In the data

reduction, the physical properties of refrigerants were

obtained from the REFPROP Version 6.0 [16]. The

uncertainty in the measured am is estimated to be within
10%.

Fig. 2 shows a comparison of theoretical predictions

with available experimental data for R22 condensing in

a tube with do ¼ 10:0 mm [13]. The predictions of the
annular flow models are shown only for the region

where the grooves are not flooded with condensate. The

modified annular flow model (denoted as annular 2)

gives a better agreement than the previously proposed

one (denoted as annular 1). It should be noted here that

this model cannot be applied to the region where the

grooves are completely flooded with condensate, be-

cause it predicts a much smaller am than the measured
value (about one half). The modified stratified flow

model (denoted as stratified 2) predicts 4–8% lower am
than the previously proposed one (denoted as stratified

1) that assumed a flat vapor–liquid interface. It is also

seen that this model gives a good agreement with the

measured value irrespective of v.
Fig. 3 shows the values of us and uf corresponding to

Fig. 2 that were obtained from the previously proposed

and modified stratified flow models. Both us and uf
decreases gradually as 1� v increases. Comparison of
the previously proposed model (denoted as stratified 1)

and modified one (denoted as stratified 2) reveals that

the values of us and uf obtained by the latter model are
3–18� smaller than those obtained by the former model.
This is consistent with the heat transfer result shown in

Fig. 2, because a1 given by Eq. (19) is much greater than
a2 given by Eq. (20).
Figs. 4–11 show comparisons of am between the

predictions of the modified annular flow and stratified

flow models and the measured value for tubes A–F. In

these figures the ratio of the predicted value apre to the
measured value aexp, am;pre=am;exp, is plotted as a function
of v. Considering the accuracy of measured Ts and Tw,
the experimental data adopted are limited to those

which satisfy the condition of Ts � Tw > 0:8 K. As was
the case for Fig. 2, the predictions of the modified an-

nular flow model are shown only for the region where

the grooves are not flooded with condensate. This model

gives a good agreement (within �20%) with most of the
measured values except for tube E with R410 A (Fig. 10)

and tube F with R22 (Fig. 11). For these tubes the

theoretical prediction of the modified annular flow

model is 6–34% higher than the measured value. The

modified stratified flow model gives a good agreement

1518 H.S. Wang et al. / International Journal of Heat and Mass Transfer 45 (2002) 1513–1523



Table 1

Fin and tube dimensions

Tube designation A B C D E F

Outside diameter do mm 9.5 10.0 9.5 7.0 7.0 7.0

Fin root diameter d mm 8.44 8.48 8.88 6.50 6.49 6.50

Number of fins n Dimen-

sionless

47 60 60 50 60 50

Helix angle c Degree 20.0 18.0 18.7 18.0 18.0 12.0

Fin pitcha p mm 0.53 0.42 0.44 0.39 0.34 0.40

Fin height h mm 0.24 0.16 0.19 0.21 0.19 0.22

Fin half tip anglea h Degree 30.5 19.9 22.3 19.5 13.1 12.7

Curvature radius at

corner of fin tipa
r0 mm 0.074 0.015 0.025 0.008 0.03 0.02

Length of flat portion

at fin tipa
x0 mm 0.004 0.027 0.015 0.019 0.018 0.032

Area enhancement ratio ea Dimen-

sionless

1.49 1.52 1.51 1.71 1.78 1.83

Length of subsection mm 400 500 600 300 300 1090

Tube length m 3.2 6.0 1.2 1.8 1.8 7.56

Authors Nozu

and

Honda

Haraguchi Hayashi Miyara

et al.

Miyara

et al.

Uchida

et al.

aDimension in a cross-section normal to groove.

Fig. 2. Variation of am with 1� v.

Fig. 3. Variations of us and uf with 1� v. Fig. 5. Comparison of measured and predicted am values.

Fig. 4. Comparison of measured and predicted am values.
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(within �20%) with most of the measured values except
for tube A with R11 (Fig. 4) and tube B with R123 (Fig.

5). For tube A with R11, this model predicts a much

smaller am than the measured value for v > 0:4, whereas

the former gives a fair agreement with the latter for

v < 0:4. For tube B with R123, most of the measured
values for G ¼ 100 and 200 kg=m2 s agree within �20%
with the predictions of the modified stratified flow

Fig. 8. Comparison of measured and predicted am values.

Fig. 6. Comparison of measured and predicted am values.

Fig. 7. Comparison of measured and predicted am values.

Fig. 9. Comparison of measured and predicted am values.

Fig. 10. Comparison of measured and predicted am values.

Fig. 11. Comparison of measured and predicted am values.
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model. For G ¼ 300 kg=m2 s, however, the modified
stratified flow model tends to underpredict the measured

value at high v. The most significant difference in the
physical properties among these test fluids is the vapor

density. Table 2 shows the vapor-to-liquid density ratio

of the test fluids at the experimental conditions. The

value of qv=ql increases in the order of R11, R123,
R134a, R22 and R410A. It is also seen that qv=ql for
R11 and R123 are much smaller than that for R134a,

R22 and R410A. This indicates that the effect of vapor

shear force on the condensation heat transfer is much

stronger for the former than the latter. It is relevant to

note here that the performance of the modified stratified

flow model shown in Figs. 4–11 is consistent with the

above discussion.

Tables 3 and 4 summarize the results of the evalua-

tion of four theoretical models. The performance of each

theoretical model was assessed in terms of the arithmetic

mean error, a.m., mean absolute error, m.a., and root-

mean-square error, r.m.s., defined as follows:

a:m: ¼ 1

N

X am;pre � am;exp
am;exp

� 100%; ð28Þ

m:a: ¼ 1

N

X am;pre � am;exp
�� ��

am;exp
� 100%; ð29Þ

r:m:s: ¼

ffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffi
1

N

X am;pre � am;exp
am;exp

� �2s
� 100%; ð30Þ

where N is the number of data points. The data points

adopted for the evaluation of the annular flow models

are smaller than those for the stratified flow models.

This is because only the data in which the inter-fin space

is not flooded with condensate are considered. Gener-

ally, the modified annular flow model gives a better

agreement with the measured value than the previously

proposed one. The r.m.s. error is within 17.7% for tubes

A–D, whereas it is 28.3% and 25.9% for tubes E and F,

respectively. The modified stratified flow model gives a

better agreement with the measured value than the

previously proposed one except for tube A with R11.

The r.m.s. error is within 17.7% for tubes B–F, whereas

it is 29.6% for tube A.

Nozu et al. [15] have shown the photographs of

condensing two-phase flow at the exit of tube A. As

expected, the flow pattern of condensing two-phase flow

changes as condensation proceeds. The flow pattern is

the annular flow when G and v are large, whereas it is
the stratified flow when G and v are small. Various flow
patterns appear in the intermediate ranges of G and v.
Also, it should be mentioned here that the actual an-

nular flow, is accompanied by the disturbance wave and

condensate entrainment. However, comparison of the

predicted and measured am shown in Figs. 4–11 indi-
cates that the simplified theoretical models are very

useful as far as the prediction of am is concerned. It is
also seen that most of the measured am for tubes A–D
are closer to the higher of the two theoretical predic-

tions. In Table 4, one more case is also presented in

which the higher of the two theoretical predictions are

adopted as the calculated value. In this case a good

agreement (r.m.s. error of less than 21.1%) between the

theoretical prediction and the measured value is ob-

tained for all combinations of tubes and refrigerants.

Table 2

Vapor-to-liquid density ratios of test fluids

R11 R123 R134a R22 R410A

Ts (K) 313 323 323 323 313

qv=ql 6:87� 10�3 9:33� 10�3 5:97� 10�2 8:00� 10�2 0.102

Table 3

Performance of previously proposed theoretical modelsa

Tube Fluid do Annular flow model 1 Stratified flow model 1

N a.m. m.a. r.m.s. N a.m. m.a. r.m.s.

A R11 9.5 31 5.1 13.0 18.0 47 )19.2 21.7 25.2

B R123 10.0 31 14.3 16.5 21.4 65 9.8 17.3 21.2

R134a 10.0 23 17.8 17.8 20.8 57 1.5 7.6 9.2

R22 10.0 24 21.6 21.6 23.2 66 3.4 8.8 10.7

C R134a 9.5 32 16.9 17.6 20.3 78 9.2 11.4 13.7

D R410A 7.0 15 17.3 20.4 29.7 26 5.0 11.5 13.8

E R410A 7.0 12 44.7 44.7 46.0 23 19.1 19.4 22.0

F R22 7.0 13 49.9 49.9 50.7 20 15.9 15.9 18.6

aN: number of experimental data; a.m.: arithmetic mean error (%); m.a.: mean absolute error (%); r.m.s.: root-mean-square error (%).
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4. Conclusions

Modified theoretical models of film condensation in

horizontal microfin tubes have been presented. The

stratified flow regime and the annular flow regime were

considered. For the stratified flow regime, the previously

proposed theoretical model was modified to take account

of the vapor–liquid interface curvature due to the surface

tension force. The profile of stratified condensate was

determined by the combination of the modified Taitel

and Dukler model [7] for the void fraction and the

Brauner et al. model [9] for the interface curvature. For

the upper part of the tube exposed to the vapor flow, the

condensate film was assumed to be laminar and the heat

transfer rate was calculated by the combined surface

tension and gravity drained flow model. For the lower

part of the tube exposed to the condensate flow, the heat

transfer rate was estimated by the forced convection

correlation for internally finned tubes proposed by Car-

navos [10]. For the annular flow regime, the previously

proposed theoretical model was modified to evaluate the

interfacial shear stress more accurately. The theoretical

predictions of the circumferential average heat transfer

coefficient by the previously proposed and modified

models were compared with available experimental data

for six tubes and five refrigerants. A better agreement

was obtained by the modified models as compared to the

previously proposed models. The r.m.s. error was within

�21.1% for all cases when the higher of the two theo-
retical predictions was adopted as the calculated value.
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